In positive displacement pumps, the main volumetric loss at high speed is due to the incomplete filling of the variable volume chambers. The prediction of the limit speed and of the maximum flow rate delivered by a pump can be obtained only through Computational Fluid Dynamics (CFD) simulations, since the shape, the orientation, and the movement of the chambers with respect to the inlet volume must be considered, along with the non-uniform distribution of the gaseous phase, due to the dissolved air release. In this paper, the influence of different geometric parameters on the filling of a vane pump has been investigated through the commercial software PumpLinx ® . At first, a model of a reference pump has been created and validated with different configurations of the suction flow area, then a simplified model has been used for assessing the influence of the geometry of the rotating assembly. It was found that a pump with a low ratio between the axial thickness and the diameter has a higher volumetric efficiency if the chambers are fed from one side only. Opposite behaviors were found in the case of pumps with small diameters and high thicknesses. Moreover, the filling could be improved by increasing the number of chambers, and by reducing the diameter of the rotor, even only locally.
Introduction
The simulation of a positive displacement pump can be performed by the means of two approaches, with different levels of detail and computer resources. The lumped parameter (zero-dimensional) modelling represents the best compromise between accuracy and computational time. The methodology assumes that in the variable chambers the fluid properties, typically the pressure, but also the percentage of gaseous fraction, have a homogeneous distribution. The modelling is grounded only on the knowledge of the histories of some geometric quantities, such as the volume and the flow area of the chambers [1, 2] . However, the specific shape and the spatial orientation of the chambers with respect to the inlet and outlet ducts cannot be considered. On the contrary, the three-dimensional Computational Fluid Dynamics (CFD) simulation allows for the consideration of local phenomena, and the relative spatial orientation of the volumes, but with very high computational resources.
There are very recent examples of comparisons between 0D and 3D models of positive displacement machines. Pellegri et al. [3] studied a gerotor pump with PumpLinx (3D), and with a customized model developed in the Amesim environment (0D). A similar analysis has been carried out by Zhao et al. [4] for a helical external gear pump. In both cases, overall, the results coming from the two different approaches showed a good agreement, even if each methodology was more suitable for some specific analyses. A comparison between a CFD simulation with PumpLinx and a 0D model with Amesim of an axial piston pump can be found in [5] . In this last case, since the pump was tested in non-critical conditions, the differences between the outcomes of the two methodologies were very small, leading to the conclusion that the 0D approach is more than enough.
The volumetric efficiency, defined as the ratio between the measured and the theoretical flow rate, is one of the fundamental parameters used for defining the performance of a pump. It is influenced mainly by the fluid leakages in the lubricating interfaces. Usually the leakages are simulated in 0D as equivalent rectangular gaps. However, when the geometry of the passageways is very complex, a 2D CFD simulation for the evaluation of the pressure distribution in the gaps, and consequently of the leakage flow, is more accurate [6] .
The incomplete filling of the variable chambers is a phenomenon that affects the volumetric efficiency, only at a high rotational speed or at a low suction pressure [7] . However, when it occurs, the performance of the pump falls dramatically. Usually, the main problem when a pump works in conditions of incomplete filling is not the lack of flow rate itself, but the strong pressure oscillations originated by the back flow in the variable chambers. The intense fluid-born noise also generates a vibration of the pump casing (structure-borne noise) that be clearly identified by means of the techniques used for the fault detection [8] . A specific study on the identification of the conditions of incomplete filling in gerotor pumps, based on acceleration signals, can be found in [9] . It is straightforward that, beside the structural stress, the final effect of the incomplete filling is very high airborne noise.
The capability of a simulation model of predicting the angular speed for which the phenomenon occurs is extremely important; above all, if the model has to be used in the development phase, when experimental data for tuning purposes are not still available. For this task, the 3D approach has proved to be very reliable [10] [11] [12] .
The CFD software PumpLinx was developed specifically for the 3D simulation of pumps. Some recent examples of studies on positive displacement machines can be found in the references [13] [14] [15] .
With specific regard to the incomplete filling, in the reference [16] the influence of the orientation of the suction pipe and of the chambers' shape in a gerotor pump are analyzed. From this study, it is evident that such types of analysis cannot be carried out with a 0D approach, where the only geometric parameters characterizing a chamber are its volume and the flow area. However, in references [17] and [18] , the former on a gerotor, the latter on a vane pump, it is demonstrated that a lumped parameter model can give very good results, if the value of the discharge coefficient to be used in the equation for the evaluation of the flow rate entering the chamber is properly tuned; such an operation can be done by the means of a few CFD simulations.
For a given geometry of the suction pipe, the filling can be improved by reducing the velocity of the fluid, and therefore the pressure drop, at the chambers' inlet. Hence, the most effective solution is to feed the chambers from both sides (double feeding), by the means of an additional port in the cover, in order to double the flow area [19] . It is well-known that this method is very effective in increasing the angular speed, which corresponds with the commencement of incomplete filling [20] .
The flow area can be further increased through the radial feeding of the chambers. In gerotor pumps, it is possible to make a hole in each chamber between two teeth on the outer diameter of the external gear [21] . In vane pumps, quite a large hole or a cutting [22] can be manufactured on the stator. However, at high speeds, the effect of the centrifugal force that tends to move the fluid against the stator track plays an important role in the efficiency of the radial feeding. In fact, the additional flow areas do not always have beneficial effects on the pump filling, since the fluid could find a preferred path for leaving the chamber, as preliminary studies have demonstrated [23] .
From the literature review, a systematic analysis of the influence of the geometric parameters on the filling of high-speed vane pumps is not available yet. A study reported in [16] dealt with the position of the inlet pipe, and of the delay of the suction port closing. Although these outcomes can be considered to also be valid for a vane pump, the results obtained by the analysis of the gears' profiles cannot be extended to a vane pump. In fact, in a gerotor machine, the chambers have a significant radial extension, while in a vane pump, the chambers are located at a constant diameter. Moreover, in gerotor gearing, it is not possible to analyze the influence of the geometric parameters one by one, since the continuity of the profiles must be guaranteed. Finally, in a vane pump, the radial feeding, not analyzed in reference [16] , can be implemented by the means of very large flow areas on the stator.
In this context, the aim of the present paper is to analyze the influence on the filling capability of the main geometric parameters of a vane pump, using a reliable and validated CFD code.
The structure of the paper is the following. At first, using as a reference an internal combustion engine lubricating vane pump, different additional flow areas on the stator and on the cover are contrasted in terms of volumetric efficiency at high speed. The experimental facilities for the validation of some simulated configurations are also described. Subsequently, a similar analysis has been performed on a simplified model by modifying different parameters, such as the minimum diameter of the chamber, the number of vanes, and the ratio between the height and the diameter of the rotor. The main findings are that for some specific configurations, the centrifugal force acting on the oil, normally neglected in positive displacement machines, can play an important role. Moreover, some common best practices normally used for designing the pump can yield detrimental effects on the filling, in some cases.
The outcomes from this study can be used by the pump designer as guidelines for maximizing, within the geometric constraints, the filling capability.
CFD Model of the Reference Pump
The study was carried out on a 15.4 cc/rev variable displacement pump for engine lubrication, shown in Figure 1a without the cover. The rotor houses nine vanes, and is driven directly by the engine crankshaft. The tips of the vanes are in contact against the stator track, whose center is eccentric with respect to the rotor axis. The eccentricity can be modified due to the linear movement of the stator by means of the delivery pressure acting on one of the two prismatic guides. For the present study, the pump was modelled at fixed positions of the stator; hence, the displacement control was not simulated.
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The number of cells of the entire model, about 800,000, was determined through a mesh independence analysis. The fluid model Equilibrium Dissolved Gas was used for simulating the aeration and the cavitation, with a total volume fraction of air equal to 6%. In this way, it was assumed that the oil was partially degassed, due to the passage through the low-pressure volumes in the pump. However, previous studies [18] have shown that very different air contents (from 2% to 9%) yield quite similar results in terms of the maximum oil flow rate simulated in incomplete filling conditions. Moreover, since the aim of the present study is to evaluate the relative influence of some geometric parameters on the maximum flow rate, the trend is not influenced by the fraction of air used [16] .
The density of the mixture of oil, air, and gas was evaluated as a function of the equilibrium conditions and of the mass fractions, according to Henry's law. More details about the model are available in [18] , and in the Appendix A.
The simulations were performed at constant eccentricity of the stator. As boundary conditions, a pressure of 0.1 and 0.3 absolute MPa was imposed respectively at the inlet of the suction pipe T and at the outlet port P.
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In Figures 2 and 3 , the geometric parameters of the stator are indicated. The analyzed configurations are reported in Table 1 . In Configuration 1 (original) the cover was flat, and the variable chambers are fed only from the casing side; moreover, a cutting with height h1 = 2 mm was machined on the stator in order to increase the flow area in the passage below the stator itself, and to allow radial feeding into the chambers. In Configurations 2, 3, and 5, an additional milling with height h2 on the opposite side of the stator was also present, to increment the radial flow. In configurations 4 and 5, an additional flow area with height h3 was obtained in the cover to allow for double axial feeding. Finally, in Configuration 6, the chambers were fed only from one side, as in the baseline, but without the cutting with height h1 on the casing side. The simulations were performed in two different operating conditions: 5200 rpm at partial displacement (55% of the maximum) and 4400 rpm at maximum displacement. Since the pump was simulated at a constant delivery pressure, the leakages were constant; therefore, the variation of the flow rate was only due to the effect of the incomplete filling. Table 1 . Geometric parameters for each analyzed configuration.
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Model Validation
A specific test rig for lubricating pumps, whose scheme is shown in Figure 4 , was used for the validation of the CFD model. The pump to be tested, driven by a variable speed electric motor (M1), was mounted on a support block housing the shaft. The speed and the torque were measured by a torque meter (TF), HBM T10F. A proportional throttle valve (E2) was used for generating the load. The valve was controlled in a closed loop by means of a pressure transducer (P1), GS Sensors XPM5 with a measuring range of 0-2 MPa (absolute). The transducer was mounted on the interface plate, and it senses the pressure just outside the delivery port. Thanks to the closed loop control, the valve E2 adjusts its flow area with the aim of maintaining the delivery pressure at the value decided by the operator. The valve E1 remained completely open. The flow rate was measured by a mass flow meter (FM) based on the Coriolis forces, MICROMOTION CMF100M. The fluid was a synthetic base oil Shell Helix Ultra with SAE grade 5W30, density 837 kg/m 3 , and dynamic viscosity 0.05 Pa s  at 40 °C. The fluid conditioning system was made up of a constant-speed screw pump (PU), a water-oil heat exchanger (SC), a chiller (CH), two 5 kW electric heating elements (EH), and two filters in parallel. The pump PU sucks the oil from the 30 L reservoir and delivers the fluid to the return line of the main circuit. The temperature in the reservoir is controlled in a closed loop based on the average of the signal of two PT100 resistance temperature detectors (T1 and T2). Due to the thin casing and the inlet pipe walls, the mounting of a pressure transducer for measuring the suction pressure in the pump under test was not possible. However, the same suction pipe has been already used in a different study on an equivalent gerotor lubricating pump; in the [17] , the validation of the CFD model of the suction pipe, in terms of pressure drop vs flow rate, can be found. A view of the pump mounted on the test rig is shown in Figure 5 . The reservoir could be moved vertically, and during the test, the suction pipe was almost entirely submerged, as indicated in the photo. The position of the pressure transducer for the delivery pressure is also visible. The simulations were performed in two different operating conditions: 5200 rpm at partial displacement (55% of the maximum) and 4400 rpm at maximum displacement. Since the pump was simulated at a constant delivery pressure, the leakages were constant; therefore, the variation of the flow rate was only due to the effect of the incomplete filling.
A specific test rig for lubricating pumps, whose scheme is shown in Figure 4 , was used for the validation of the CFD model. The pump to be tested, driven by a variable speed electric motor (M1), was mounted on a support block housing the shaft. The speed and the torque were measured by a torque meter (TF), HBM T10F. A proportional throttle valve (E2) was used for generating the load. The valve was controlled in a closed loop by means of a pressure transducer (P1), GS Sensors XPM5 with a measuring range of 0-2 MPa (absolute). The transducer was mounted on the interface plate, and it senses the pressure just outside the delivery port. Thanks to the closed loop control, the valve E2 adjusts its flow area with the aim of maintaining the delivery pressure at the value decided by the operator. The valve E1 remained completely open. The flow rate was measured by a mass flow meter (FM) based on the Coriolis forces, MICROMOTION CMF100M. The fluid was a synthetic base oil Shell Helix Ultra with SAE grade 5W30, density 837 kg/m 3 , and dynamic viscosity 0.05 Pa · s at 40 • C. The fluid conditioning system was made up of a constant-speed screw pump (PU), a water-oil heat exchanger (SC), a chiller (CH), two 5 kW electric heating elements (EH), and two filters in parallel. The pump PU sucks the oil from the 30 L reservoir and delivers the fluid to the return line of the main circuit. The temperature in the reservoir is controlled in a closed loop based on the average of the signal of two PT100 resistance temperature detectors (T1 and T2). Due to the thin casing and the inlet pipe walls, the mounting of a pressure transducer for measuring the suction pressure in the pump under test was not possible. However, the same suction pipe has been already used in a different study on an equivalent gerotor lubricating pump; in the [17] , the validation of the CFD model of the suction pipe, in terms of pressure drop vs flow rate, can be found. A view of the pump mounted on the test rig is shown in Figure 5 . The reservoir could be moved vertically, and during the test, the suction pipe The tests were performed at fixed displacement, at constant absolute delivery pressure of 0.3 MPa and at an oil temperature of 40 °C. The spring of the displacement control was removed, and the stator was mechanically blocked, by means of metal spacers, at maximum eccentricity and at 55% of the maximum. The shaft speed was incremented gradually up to the region of incomplete filling, and the delivery flow rate was measured for each value of angular speed. The original stator (Configuration 1) and the version with the milling with height h1 = 1 mm (Configuration 2) were tested at maximum displacement, while the original configuration was also compared with Configuration 3 (h2 = 2 mm) at partial displacement. The maximum speed was limited to about 1000 rpm above the speed of beginning of the incomplete filling, due to the extremely high-pressure oscillations caused by the intense backflow. For the same reason, the tests were performed at low delivery pressure. The experimental measurements and the CFD simulations (dots) are reported in Figure 6 . The tests were performed at fixed displacement, at constant absolute delivery pressure of 0.3 MPa and at an oil temperature of 40 °C. The spring of the displacement control was removed, and the stator was mechanically blocked, by means of metal spacers, at maximum eccentricity and at 55% of the maximum. The shaft speed was incremented gradually up to the region of incomplete filling, and the delivery flow rate was measured for each value of angular speed. The original stator (Configuration 1) and the version with the milling with height h1 = 1 mm (Configuration 2) were tested at maximum displacement, while the original configuration was also compared with Configuration 3 (h2 = 2 mm) at partial displacement. The maximum speed was limited to about 1000 rpm above the speed of beginning of the incomplete filling, due to the extremely high-pressure oscillations caused by the intense backflow. For the same reason, the tests were performed at low delivery pressure. The experimental measurements and the CFD simulations (dots) are reported in Figure 6 . The tests were performed at fixed displacement, at constant absolute delivery pressure of 0.3 MPa and at an oil temperature of 40 • C. The spring of the displacement control was removed, and the stator was mechanically blocked, by means of metal spacers, at maximum eccentricity and at 55% of the maximum. The shaft speed was incremented gradually up to the region of incomplete filling, and the delivery flow rate was measured for each value of angular speed. The original stator (Configuration 1) and the version with the milling with height h1 = 1 mm (Configuration 2) were tested at maximum displacement, while the original configuration was also compared with Configuration 3 (h2 = 2 mm) at partial displacement. The maximum speed was limited to about 1000 rpm above the speed of beginning of the incomplete filling, due to the extremely high-pressure oscillations caused by the intense backflow. For the same reason, the tests were performed at low delivery pressure. The experimental measurements and the CFD simulations (dots) are reported in Figure 6 . In the low-medium speed range, the relationship between the flow rate and the speed is linear, and the slope is given by the pump displacement. In fact, since the tests were executed at a constant pressure, the flow rate differed from the theoretical value only due to the constant fluid leakages. Since the tests were performed at a low delivery pressure, the total leakages, calculated as the difference between the theoretical and the measured flow rates in the speed range 1000-3000 rpm, were only 0.55 L/min. At high speed, a saturation of the flow rate is observed, due to incomplete filling. In this case only a fraction of the chamber volumes was used to deliver the flow rate of liquid, while the remaining part was filled with the gaseous phase, mainly air. As already reported in other studies [18, 28] , the angular speed for which the curve deviated from the linearity increased with the reduction of the displacement, but the maximum flow rate was lower.
Analysis of the Flow Rates and of the Pressure Fields
The simulated volumetric flow rates for the six configurations are listed in Table 2 . Configurations 3 and 5, with the worst filling, were simulated only at partial displacement. Overall, it is evident that the increment of the flow area between the rotating chambers and the inlet volume had a detrimental effect on the volumetric efficiency. In particular, by increasing only the height h2 of the milling on the stator (from Configurations 1 to 3, but also 5 with respect to 4) the flow rate decreased significantly. Moreover, only the addition of the passageway in the cover (Configuration 4 with respect to 1) led to a reduction of 2.7 L/min. These results appear to be quite surprising; in fact, the phenomenon of the incomplete filling is generated by the excessive pressure drop between the reservoir and the chambers; hence, the increment of the flow area should lead to an improvement, rather than to a worsening of the behavior. It is worthwhile to notice that there was no difference between Configurations 1 and 6 at 5200 rpm, i.e., the increment of the flow area between the stator and the casing through the milling with height h1 had no effect. However, if the condition of maximum displacement is considered, Configuration 1 gave better results, as expected. Nevertheless, even in this case, a small milling manufactured on the cover side (Configuration 2) nullified the advantage of a larger flow area at the casing side. In the low-medium speed range, the relationship between the flow rate and the speed is linear, and the slope is given by the pump displacement. In fact, since the tests were executed at a constant pressure, the flow rate differed from the theoretical value only due to the constant fluid leakages. Since the tests were performed at a low delivery pressure, the total leakages, calculated as the difference between the theoretical and the measured flow rates in the speed range 1000-3000 rpm, were only 0.55 L/min. At high speed, a saturation of the flow rate is observed, due to incomplete filling. In this case only a fraction of the chamber volumes was used to deliver the flow rate of liquid, while the remaining part was filled with the gaseous phase, mainly air. As already reported in other studies [18, 28] , the angular speed for which the curve deviated from the linearity increased with the reduction of the displacement, but the maximum flow rate was lower.
The simulated volumetric flow rates for the six configurations are listed in Table 2 . Configurations 3 and 5, with the worst filling, were simulated only at partial displacement. Overall, it is evident that the increment of the flow area between the rotating chambers and the inlet volume had a detrimental effect on the volumetric efficiency. In particular, by increasing only the height h2 of the milling on the stator (from Configurations 1 to 3, but also 5 with respect to 4) the flow rate decreased significantly. Moreover, only the addition of the passageway in the cover (Configuration 4 with respect to 1) led to a reduction of 2.7 L/min. These results appear to be quite surprising; in fact, the phenomenon of the incomplete filling is generated by the excessive pressure drop between the reservoir and the chambers; hence, the increment of the flow area should lead to an improvement, rather than to a worsening of the behavior. It is worthwhile to notice that there was no difference between Configurations 1 and 6 at 5200 rpm, i.e., the increment of the flow area between the stator and the casing through the milling with height h1 had no effect. However, if the condition of maximum displacement is considered, Configuration 1 gave better results, as expected. Nevertheless, even in this case, a small milling manufactured on the cover side (Configuration 2) nullified the advantage of a larger flow area at the casing side. In Figure 7 , the instantaneous flow rate entering a chamber as function of the shaft angle is plotted for Configurations 1, 3, and 4 at 5200 rpm. The behavior was very similar up to about 70 degrees, while in Configuration 4 at the end of the suction phase, a backflow was observed. In Configuration 3, in which the double feeding is obtained through the milling on the stator, the flow rate was significantly lower in the middle of the suction phase, with an improvement only at around 150 degrees. In Figure 7 , the instantaneous flow rate entering a chamber as function of the shaft angle is plotted for Configurations 1, 3, and 4 at 5200 rpm. The behavior was very similar up to about 70 degrees, while in Configuration 4 at the end of the suction phase, a backflow was observed. In Configuration 3, in which the double feeding is obtained through the milling on the stator, the flow rate was significantly lower in the middle of the suction phase, with an improvement only at around 150 degrees. Figure 8 shows the comparison between the radial flow rates, namely, only through the millings of the stator (see Figure 2) in Configurations 1 and 3; in the latter case, the contributions on the two sides were split. It can be observed that through the passage with height h2, the flow rate was always negative; this means that the fluid leaves the chamber instead of entering. The behavior was also confirmed by the analysis of the pressure and velocity field shown in Figure 9 at 120 degrees in Configuration 3. Figure 8 shows the comparison between the radial flow rates, namely, only through the millings of the stator (see Figure 2 ) in Configurations 1 and 3; in the latter case, the contributions on the two sides were split. It can be observed that through the passage with height h2, the flow rate was always negative; this means that the fluid leaves the chamber instead of entering. The behavior was also confirmed by the analysis of the pressure and velocity field shown in Figure 9 at 120 degrees in Configuration 3. In Figure 7 , the instantaneous flow rate entering a chamber as function of the shaft angle is plotted for Configurations 1, 3, and 4 at 5200 rpm. The behavior was very similar up to about 70 degrees, while in Configuration 4 at the end of the suction phase, a backflow was observed. In Configuration 3, in which the double feeding is obtained through the milling on the stator, the flow rate was significantly lower in the middle of the suction phase, with an improvement only at around 150 degrees. Figure 8 shows the comparison between the radial flow rates, namely, only through the millings of the stator (see Figure 2 ) in Configurations 1 and 3; in the latter case, the contributions on the two sides were split. It can be observed that through the passage with height h2, the flow rate was always negative; this means that the fluid leaves the chamber instead of entering. The behavior was also confirmed by the analysis of the pressure and velocity field shown in Figure 9 at 120 degrees in Configuration 3. leading vane, the pressure was very low; in this part of the chamber, the gaseous phase was localized. The high pressure in the chamber, together with the centrifugal force acting on the oil, generated the backflow, as demonstrated by the direction of the velocity vectors plotted in the detail. Hence, in this pump, the contribution of the centrifugal force was significant with respect to the force generated by the pressure gradient, and due to the small axial height, the fluid could escape in correspondence with the outer edge of the chambers. The negative flow rate in Configuration 4 detected in Figure 7 can be explained by the analysis of the axial flow on plane B passing through the rotor axis ( Figure 10 ). The two flow rates entering from both sides meet in the middle of the chamber, and due to the centrifugal force, the fluid is pushed outwards against the stator track and an internal recirculation originates. Hence, at the end of the suction phase, where the chamber derivative is quite small and the suction effect is reduced, the fluid leaves the chamber in Region 1, indicated in Figure 10 , due to the centrifugal force. The figure shows a cut plot in correspondence of the plane A (shown in Figure 2 ) in the middle of the milling with height h2, and perpendicular to the shaft. The boundary of the chamber connected to the inlet volume is indicated by the dashed red line. It can be observed that in front of the trailing vane, the pressure was higher than in the suction volume, while in the region behind the leading vane, the pressure was very low; in this part of the chamber, the gaseous phase was localized. The high pressure in the chamber, together with the centrifugal force acting on the oil, generated the backflow, as demonstrated by the direction of the velocity vectors plotted in the detail. Hence, in this pump, the contribution of the centrifugal force was significant with respect to the force generated by the pressure gradient, and due to the small axial height, the fluid could escape in correspondence with the outer edge of the chambers.
The negative flow rate in Configuration 4 detected in Figure 7 can be explained by the analysis of the axial flow on plane B passing through the rotor axis ( Figure 10 ). The two flow rates entering from both sides meet in the middle of the chamber, and due to the centrifugal force, the fluid is pushed outwards against the stator track and an internal recirculation originates. Hence, at the end of the suction phase, where the chamber derivative is quite small and the suction effect is reduced, the fluid leaves the chamber in Region 1, indicated in Figure 10 , due to the centrifugal force. The figure shows a cut plot in correspondence of the plane A (shown in Figure 2 ) in the middle of the milling with height h2, and perpendicular to the shaft. The boundary of the chamber connected to the inlet volume is indicated by the dashed red line. It can be observed that in front of the trailing vane, the pressure was higher than in the suction volume, while in the region behind the leading vane, the pressure was very low; in this part of the chamber, the gaseous phase was localized. The high pressure in the chamber, together with the centrifugal force acting on the oil, generated the backflow, as demonstrated by the direction of the velocity vectors plotted in the detail. Hence, in this pump, the contribution of the centrifugal force was significant with respect to the force generated by the pressure gradient, and due to the small axial height, the fluid could escape in correspondence with the outer edge of the chambers. The negative flow rate in Configuration 4 detected in Figure 7 can be explained by the analysis of the axial flow on plane B passing through the rotor axis ( Figure 10 ). The two flow rates entering from both sides meet in the middle of the chamber, and due to the centrifugal force, the fluid is pushed outwards against the stator track and an internal recirculation originates. Hence, at the end of the suction phase, where the chamber derivative is quite small and the suction effect is reduced, the fluid leaves the chamber in Region 1, indicated in Figure 10 , due to the centrifugal force. In Configuration 5, the drawback of the upper milling worsened the filling with respect to the Configuration 4. From this point of view, it was better to keep the connection of the chamber on the cover side closed, in order to avoid the outgoing flow rate. However, as demonstrated in the next section, with high values of the axial height, the behavior was completely different.
It can be observed from Table 2 that in Configuration 4, the worsening of the volumetric efficiency was lower at maximum displacement with respect to the partial displacement. The reason was that the higher volume derivative of the chamber that generated a stronger suction effect was able to balance the centrifugal force.
Finally, the fact that in Configuration 6, without any cutting, the behavior was similar to the Configuration 1 at partial displacement and worse at full displacement, can be understood by analyzing Region 2 in Figure 10 . Also in this case, the oil tended to leave the chamber, but the trajectory of the fluid is deviated inwards by the high flow rate coming from the inlet pipe. Moreover, milling with height h1 allowed the pressure drop in the passage to be reduced between the stator and the casing. Since the pressure drop is proportional to the square of the flow rate, this improvement was negligible when the flow rate is low (at partial displacement) but it became substantial at maximum displacement.
Hence, the outcomes of the simulations have demonstrated that, considering the dimensional constrains, the original pump was optimized for minimizing the incomplete filling. However, as described in the next section, the solution adopted in this pump is not valid in general.
Influence of the Geometric Parameters

Simplified CFD Model
Once the reliability of the CFD model in evaluating the maximum flow rate was proven, a model with a simplified geometry of the inlet volumes and without ducts was created for studying the influence of some geometric parameters. Since only the layout of the rotary assembly had to be analyzed, the fixed volumes were left deliberately simple, in order to reduce the total number of cells, and therefore the computational time. The analyzed parameters were: the number of chambers, the eccentricity, the axial height, and the shape of the rotor.
The model, shown in Figure 11 , was made up by the same rotating assembly of the complete model, and by prismatic fixed volumes connected through the port plate. As boundary conditions, the pressures were imposed at the ports. In order to obtain more realistic results, the inlet pressure has been set to a value (0.07 absolute MPa) comparable with the pressure in the inlet volume obtained by the simulation of the complete model at the maximum speed. The absolute pressure at the outlet was set to 0.3 MPa, in order to minimize the effect of the leakages. In Configuration 5, the drawback of the upper milling worsened the filling with respect to the Configuration 4. From this point of view, it was better to keep the connection of the chamber on the cover side closed, in order to avoid the outgoing flow rate. However, as demonstrated in the next section, with high values of the axial height, the behavior was completely different.
Influence of the Geometric Parameters
Simplified CFD Model
The model, shown in Figure 11 , was made up by the same rotating assembly of the complete model, and by prismatic fixed volumes connected through the port plate. As boundary conditions, the pressures were imposed at the ports. In order to obtain more realistic results, the inlet pressure has been set to a value (0.07 absolute MPa) comparable with the pressure in the inlet volume obtained by the simulation of the complete model at the maximum speed. The absolute pressure at the outlet was set to 0.3 MPa, in order to minimize the effect of the leakages. The cell density in the prismatic volumes was 1 cell/mm, while in the port plates, it was 3 cell/mm. Such values were determined through a mesh sensitivity analysis for the study of the gerotor pump described in [16] . Since the aim of the study was to evaluate the filling capability, the leakage passageways were also simplified, and only the axial clearance between the rotor and the cover was considered. The pump was simulated at 5000 rpm and maximum displacement.
Influence of the Number of Vanes
For assessing the influence of the number of chambers, two new rotors were designed with seven and 11 vanes, as shown in Figure 12 . The port plate was modified accordingly in order to have an ideal timing in all configurations. This means that the connection and the separation of the generic chamber with the suction side occurred exactly at the positions of minimum and maximum volumes. It is straightforward that, regardless of the number of chambers, the filling can be further improved by means of a non-ideal timing; in particular, by delaying the closing of the suction port, as reported also in [16] . However, in this study, only the influence of the number of chambers is highlighted. All other parameters have remained the same, as in the reference pump with nine vanes. Since the pump displacement was slightly influenced by the number of chambers, the displacement of the pump with 11 vanes is 1.3% smaller than in the pump with seven vanes, with a difference in terms of theoretical flow rate at 5000 rpm of 1 L/min. The cell density in the prismatic volumes was 1 cell/mm, while in the port plates, it was 3 cell/mm. Such values were determined through a mesh sensitivity analysis for the study of the gerotor pump described in [16] . Since the aim of the study was to evaluate the filling capability, the leakage passageways were also simplified, and only the axial clearance between the rotor and the cover was considered. The pump was simulated at 5000 rpm and maximum displacement.
For assessing the influence of the number of chambers, two new rotors were designed with seven and 11 vanes, as shown in Figure 12 . The port plate was modified accordingly in order to have an ideal timing in all configurations. This means that the connection and the separation of the generic chamber with the suction side occurred exactly at the positions of minimum and maximum volumes. It is straightforward that, regardless of the number of chambers, the filling can be further improved by means of a non-ideal timing; in particular, by delaying the closing of the suction port, as reported also in [16] . However, in this study, only the influence of the number of chambers is highlighted. All other parameters have remained the same, as in the reference pump with nine vanes. Since the pump displacement was slightly influenced by the number of chambers, the displacement of the pump with 11 vanes is 1.3% smaller than in the pump with seven vanes, with a difference in terms of theoretical flow rate at 5000 rpm of 1 L/min. With reference to the results reported in Table 3 , such a difference is relatively small with respect to the variation of the real flow rate, which consequently, is mainly due to the different number of vanes. The reason for why the flow rate increases significantly with the increment of the number of vanes is the wider extension of the suction port (about +14%, as shown in Figure 12 ), which lets more time for the oil to fill the chambers. Moreover, with a higher number of vanes, the flow area of a chamber remained at the maximum opening for a larger angular range, as shown in Figure 13 , where the normalized flow area is plotted. It is defined as the ratio between the chamber flow area and the frontal surface of the chamber itself; the value 1 means that the flow area was not restricted by the rim of the port plate. With reference to the results reported in Table 3 , such a difference is relatively small with respect to the variation of the real flow rate, which consequently, is mainly due to the different number of vanes. The reason for why the flow rate increases significantly with the increment of the number of vanes is the wider extension of the suction port (about +14%, as shown in Figure 12 ), which lets more time for the oil to fill the chambers. Moreover, with a higher number of vanes, the flow area of a chamber remained at the maximum opening for a larger angular range, as shown in Figure 13 , where the normalized flow area is plotted. It is defined as the ratio between the chamber flow area and the frontal surface of the chamber itself; the value 1 means that the flow area was not restricted by the rim of the port plate. The beneficial effect of the increment of the number of chambers appeared to be in contradiction with the results obtained on a gerotor pump, as described in [16] , where an improvement of the volumetric efficiency using a lower number of chambers was found. However, since in a gerotor machine it is not possible to change only one parameter of the profiles, the variation of the number of chambers was obtained by also reducing the lower radius of the inner gear. In [16] , it was supposed that the reason for the increment of the flow rate was the lower peripheral velocity of the chambers at the minimum radius. Such a hypothesis is confirmed by the simulations performed in the next section.
Obviously, the choice of the number of chambers is not only related to the filling issue, but also to other aspects. In fact, although an additional beneficial effect in using a high number of vanes is the lower kinematic flow ripple, it must be noted that two drawbacks are the worsening of the mechanical efficiency, due to more vanes being in contact with the rotor and the stator, and the increment of cost.
Influence of the Rotor Shape
In order to evaluate the influence of the rotor diameter, a new shape of the outer contour was simulated ( Figure 14) . The maximum external diameter was the same as the reference pump (M0), while in the middle of each chamber, the radius was 4 mm lower. Obviously, this modification had no influence on the pump displacement. Accordingly, the internal radius of the suction port (Ri in Figure 12 ) was decreased, in order to allow for the flow area to be increased.
With the new geometry, the flow rate delivered by the pump at 5000 rpm was 62.3 L/min, while the volumetric efficiency was 0.795 with respect to 0.74 of the version M0. With respect to the reference rotor, the solution shown in Figure 14 and already adopted in lubricating pumps, has two advantages: a higher flow area at equal displacement, and a lower mean distance of the chambers from the shaft axis. Since, as shown in Figure 10 , the oil enters the chamber mainly at the lower radius, this second aspect is also beneficial for pump filling. The beneficial effect of the increment of the number of chambers appeared to be in contradiction with the results obtained on a gerotor pump, as described in [16] , where an improvement of the volumetric efficiency using a lower number of chambers was found. However, since in a gerotor machine it is not possible to change only one parameter of the profiles, the variation of the number of chambers was obtained by also reducing the lower radius of the inner gear. In [16] , it was supposed that the reason for the increment of the flow rate was the lower peripheral velocity of the chambers at the minimum radius. Such a hypothesis is confirmed by the simulations performed in the next section.
In order to evaluate the influence of the rotor diameter, a new shape of the outer contour was simulated ( Figure 14) . The maximum external diameter was the same as the reference pump (M0), while in the middle of each chamber, the radius was 4 mm lower. Obviously, this modification had no influence on the pump displacement. Accordingly, the internal radius of the suction port (R i in Figure 12 ) was decreased, in order to allow for the flow area to be increased. The beneficial effect of the increment of the number of chambers appeared to be in contradiction with the results obtained on a gerotor pump, as described in [16] , where an improvement of the volumetric efficiency using a lower number of chambers was found. However, since in a gerotor machine it is not possible to change only one parameter of the profiles, the variation of the number of chambers was obtained by also reducing the lower radius of the inner gear. In [16] , it was supposed that the reason for the increment of the flow rate was the lower peripheral velocity of the chambers at the minimum radius. Such a hypothesis is confirmed by the simulations performed in the next section.
With the new geometry, the flow rate delivered by the pump at 5000 rpm was 62.3 L/min, while the volumetric efficiency was 0.795 with respect to 0.74 of the version M0. With respect to the reference rotor, the solution shown in Figure 14 and already adopted in lubricating pumps, has two advantages: a higher flow area at equal displacement, and a lower mean distance of the chambers from the shaft axis. Since, as shown in Figure 10 , the oil enters the chamber mainly at the lower radius, this second aspect is also beneficial for pump filling. With the new geometry, the flow rate delivered by the pump at 5000 rpm was 62.3 L/min, while the volumetric efficiency was 0.795 with respect to 0.74 of the version M0.
With respect to the reference rotor, the solution shown in Figure 14 and already adopted in lubricating pumps, has two advantages: a higher flow area at equal displacement, and a lower mean distance of the chambers from the shaft axis. Since, as shown in Figure 10 , the oil enters the chamber mainly at the lower radius, this second aspect is also beneficial for pump filling. 
Influence of the Double Feeding with a Low Diameter of the Rotor
In the first part of this paper, the results obtained on the entire pump showed a worsening of the filling in the case of double-feeding of the chambers, regardless of whether the additional port was manufactured on the stator or on the cover. The same analysis was repeated on a pump with the same number of chambers and with the geometric parameters, normalized with respect to the reference pump, listed in Table 4 . The parameters were been chosen in order to obtain a similar displacement, but with a smaller diameter. The model, shown in Figure 15 , was built with three different layouts:
1. M3: with the chambers fed from only one side; 2.
M4: with respect to the configuration at Item 1, with a second inlet port in the cover; 3.
M5: with respect to the configuration at Item 1, with a second inlet port obtained through a milling on the stator with a height of 5 mm on the cover side, like the cutting with height h2 in Figure 2 .
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1. M3: with the chambers fed from only one side; 2. M4: with respect to the configuration at Item 1, with a second inlet port in the cover; 3. M5: with respect to the configuration at Item 1, with a second inlet port obtained through a milling on the stator with a height of 5 mm on the cover side, like the cutting with height h2 in Figure 2 . The flow rates and the volumetric efficiencies are reported in Table 5 . It is evident how, with a smaller diameter and a higher axial thickness, the double feeding was always extremely beneficial for the filling, and the behavior was completely different from the case of the pump shown in Figure  1 . The lateral port manufactured on the stator, even at very high speed, allowed for an increment of the ingoing flow rate to be obtained. In Figure 16 , the velocity field in the model M4 shows that, unlike the pump of Figure 1 , the oil entered the chamber also through the port in the cover. The flow rates and the volumetric efficiencies are reported in Table 5 . It is evident how, with a smaller diameter and a higher axial thickness, the double feeding was always extremely beneficial for the filling, and the behavior was completely different from the case of the pump shown in Figure 1 . The lateral port manufactured on the stator, even at very high speed, allowed for an increment of the ingoing flow rate to be obtained. In Figure 16 , the velocity field in the model M4 shows that, unlike the pump of Figure 1 , the oil entered the chamber also through the port in the cover. Figure 16 . Pressure and velocity fields in a cross-section of a chamber at the end of the suction phase for the geometry M4 at 5000 rpm.
Influence of the Eccentricity
The last parameter analyzed is the eccentricity. Starting from the rotor with small diameter simulated in the previous section (M3), and with an axial thickness equal to the reference pump (M0), the eccentricity, and the stator diameter have been increased, in order to obtain the same displacement (Table 6 ). In this way, the pumping area, defined as the ratio between the displacement and the axial height, has been incremented. In Figure 17 , the comparison between the configurations M0, M3, and M6 is shown. It must be noted that the unit M6 was used only to highlight the effectiveness of the increment of the eccentricity in the fluid dynamic model. In fact, the excessive extension of the vanes, with respect to the slots in the rotor, would cause serious kinematic and mechanical issues. Figure 16 . Pressure and velocity fields in a cross-section of a chamber at the end of the suction phase for the geometry M4 at 5000 rpm.
The last parameter analyzed is the eccentricity. Starting from the rotor with small diameter simulated in the previous section (M3), and with an axial thickness equal to the reference pump (M0), the eccentricity, and the stator diameter have been increased, in order to obtain the same displacement (Table 6 ). In this way, the pumping area, defined as the ratio between the displacement and the axial height, has been incremented. In Figure 17 , the comparison between the configurations M0, M3, and M6 is shown. It must be noted that the unit M6 was used only to highlight the effectiveness of the increment of the eccentricity in the fluid dynamic model. In fact, the excessive extension of the vanes, with respect to the slots in the rotor, would cause serious kinematic and mechanical issues. From the results listed in Table 7 , it is evident that at equal axial thickness (M6 vs M0) the reduction of the rotor diameter improves the filling, while at equal diameter of the rotor (M6 vs M3), From the results listed in Table 7 , it is evident that at equal axial thickness (M6 vs M0) the reduction of the rotor diameter improves the filling, while at equal diameter of the rotor (M6 vs M3), even with a slightly higher radius of the stator, the reduction of the axial thickness is significantly beneficial. The advantage of M6 with respect to M0, is because the variable chambers move with a lower tangential speed, hence the fluid coming from the suction volume must be accelerated up to a lower speed for entering the chambers with respect to the configuration M0. 
Conclusions
The filling capability of a vane pump is highly influenced by the geometry of the suction side and of the rotary assembly. In this paper, the software PumpLinx has been successfully used for analyzing the influence of several geometric configurations on the volumetric efficiency at high speed. At first, the methodology has been validated experimentally on a lubricating pump in different configurations, then the influence of the double and radial feeding has been analyzed.
It was found that for the reference pump, the increment of the flow area through the port in the cover, and through a cutting on the stator worsens the filling of the pump. This result, also demonstrated experimentally, is in contrast with the common best practices for the design of the pumps. The reason for this behavior is the high ratio between the diameter and the height of the rotor in the pump used as reference. In fact, the contribution of the centrifugal force can be significant with respect to the force generated by the pressure gradient, and if the axial height of the rotary assembly is small, a considerable amount of fluid can escape in correspondence with the outer edge of the chambers. On the contrary, in every other case tested with low diameter and high axial thickness, any additional flow area, regardless where it was manufactured, was proven to be beneficial for improving the filling.
Other important outcomes are that the filling can be improved by shaping properly the rotor, in order to reduce locally the diameter, and by maximizing the eccentricity, in order to minimize the axial height. Finally, it was found that, unlike the gerotor pumps, the filling was improved by increasing the number of chambers.
Author Contributions: M.R. conceived the study, performed the experimental tests, and wrote the draft paper; G.A. built the CAD and CFD models, and made the post processing; M.R. and P.C. analyzed the results; P.C. reviewed the final paper.
Funding: This research received no external funding.
